To further decrease carbon dioxide emissions, efficiency of combustion engines in passenger cars needs to increase. Measures enhancing efficiency in combustion engines significantly increase engine vibrations. In order to provide a high level of comfort and low interior noise levels, isolation properties of engine mount systems have to compensate these increasing excitations. As existing analogous models of hydraulic mounts describe their behaviour only at low frequencies, we elaborate a model describing the isolation properties in a frequency range relevant for dominant engine orders. We deduce this model from parameter variation tests on hydraulic engine mounts using an electrodynamic test bench for characterisation. The parameters in the proposed model represent geometric properties as well as physical properties of springs, masses and dampening effects. Using the elaborated model helps to tune the parameters of engine mounts to the specific demands of different vehicles and to increase isolation properties.
Introduction
Static and dynamic models describing the behaviour of hydraulic engine mounts for low frequencies up to 50 Hz have been developed and experimentally and analytically studied (see Kim and Singh, 1993; Yu et al., 2001; Barszcz et al., 2012; Christopherson and Jazar, 2006; Singh et al., 1992; Tiwari et al., 2003) . However, engine mounts in passenger vehicles not only have to meet the demands of ride and comfort, which is well described with the existing models but additionally have to fulfil requirements of isolating engine vibrations. The dominant engine vibrations start at 20 Hz and end at about 500 to 600 Hz. This frequency range is depending on engine architecture and number of cylinders. Mechanical analogous models describing engine mounts for this frequency range cannot be found.
The main objective of this paper therefore is to develop and validate an analogous model that describes the behaviour of hydraulic engine mounts up to at least 700 Hz assuming it as a linear time-invariant system. This model helps to understand the behaviour of hydraulic engine mounts not only for ride and comfort frequencies but for those relevant for engine noise isolation.
Efficiency measures like rightsizing, turbocharging, cylinder deactivation and engine friction reduction in combustion engines result in increasing engine caused vibrations (see Stahl et al., 2013) . In order to handle these increasing engine excitations, isolation properties have to enhance. Therefore, field experts need to know the parameters that can be used to design and tune hydraulic engine mounts towards lower transfer-stiffnesses. In this paper we therefore elaborate and validate a model that helps to understand the influence of design parameters on the dynamic transfer stiffness. This knowledge can be obtained by understanding the hydraulic system in engine mounts using the developed model. Troge et al. (2014 Troge et al. ( , 2015 show an approach for modelling the behaviour of hydraulic mounts using two-port description for frequencies up to 1,000 Hz. Although their model shows good correlation to experimental results, they only focus on very special variants of engine mounts showing a load dependent behaviour.
In most applications simple mounts with one inertia track and a decoupler are used. Therefore their model cannot be used for optimising and understanding these parts. Consequently, there is a need to experimentally analyse the dynamic behaviour of these parts and to elaborate parameters influencing transfer-stiffness in a frequency range up to 700 Hz.
The transfer stiffness of engine mounts K(ω, X) = F T /X at given angular frequencies ω (rad s -1 ) and excitation amplitudes X is normally determined by non-resonant tests using servo-hydraulic test benches. These test benches are usually limited to a frequency range of 0 to 200 Hz. To further exceed the frequencies for characterising hydraulic mounts, we show an approach using an electrodynamic test bench to characterise the behaviour of hydraulic engine mounts.
Using this test bench we run parameter variations to identify relevant parameters of a hydraulic mounts. From these parameters we deduce a model describing the complex transfer stiffness of hydraulic engine mounts. Subsequently, the model is validated by fitting it to describe the experimentally characterised engine mounts.
Problem formulation
As efficiency measures increase excitations of combustion engines, engine mounts have to be tuned to better isolation. In most cases, the dominant engine order causes the highest levels of engine borne noise and vibrations. Looking at engines with eight cylinders, the dominant fourth order can rise above frequencies of 500 Hz. It is therefore necessary to understand the behaviour of hydraulic mounts in this frequency range. A cross section of a hydraulic engine mount is given in Figure 1 . The mount consists of two fluid filled chambers connected by an inertia track and a decoupler. A deformation of the mount causes a change of the working chamber volume. Thus, fluid has to flow through the inertia track or move the decoupler. The mass of fluid in the inertia track is tuned to a resonance frequency about 8-15 Hz, which is in detail modelled by Barszcz et al. (2012) , Christopherson and Jazar (2006) and Singh et al. (1992) . Therefore the inertia mass is in overcritical operation when considering frequencies of engine vibrations. However, the decoupler is tuned to reduce the transfer-stiffness for low amplitude engine vibrations in a broad frequency range. For this purpose the decoupler is embedded between two grids and has a precisely defined clearance. It can thus move freely between the two grids in a small amplitude range. Figure 2 shows the measured complex transfer stiffness of a typical hydraulic engine mount. We can deduce that there is a complex pole in the frequency range of interest, which suggests that there is an embedded mass inside the mount. The complex pole causes the dynamic stiffness to significantly increase over frequency deteriorating the isolation properties of the engine mount. Consequently, there is a need to examine the participating components of hydraulic mounts that lead to the existence of this pole.
Test bench description
As discussed in Section 2 standard servo-hydraulic test benches cannot be used for the whole frequency range that is relevant for engine noise transmission. Therefore, we will show the schematic layout of a test bench for indirect characterisation of hydraulic engine mounts and show the main differences between direct and indirect characterisation. The direct method according to International Organization for Standardization ISO/IEC IS 10846-2 (2008) uses a test bench with a stiff frame and usually operates hydraulically. The specimen is mounted to the frame and on the opposite side excited with a hydraulic cylinder. Operating this way, the test bench can characterise mounts in a frequency range lower than the first natural frequency of its frame. Therefore, the frequency range of testing is usually limited to around 200 Hz.
A schematic drawing of the electrodynamic test bench used for the experiments discussed in this paper is shown in Figure 3 . Instead of using a stiff frame as a counter bearing, we use a seismic mass that is mounted with two springs ( ).
2 c The system is designed so that its natural frequency 0 2 c m f π = is about 10 Hz. This allows us to run tests in overcritical operation of the seismic mass. Using the seismic mass as a counterfort limits the frequency range from the lower end as we need to operate well above the resonance of this system. On the other hand, the upper frequency is not limited by a test frame and makes testing up to 1,000 Hz possible. For exciting the specimen with a sinus sweep of a constant acceleration-amplitude of 30 ms -2
, we use an electrodynamic shaker. Lowering the mass sets a constant preload to the specimen. Measuring the excitation amplitude at the shaker and the reaction force of the specimen lets us calculate its transfer stiffness. Describing the mount as a two port, we can calculate its dynamic mass and dynamic stiffness properties according to: [mm] . The matrix entries c 12 and c 21 describe the dynamic transfer stiffnesses. Assuming reciprocity, they are identical. c 11 and c 22 are the dynamic input and output stiffness of the system. As the oscillation system of the seismic mass is operated supercritically, a 2 is small. We therefore assume a 2 ≈ 0. This causes equation (1) 
In order to calculate the dynamic transfer stiffness from the signals described in Figure 3 , we can calculate the stroke s by integrating a1 in the frequency domain. This leads to:
This leads to the input stiffness c 11 and the transfer stiffness c 21 . As the vibration amplitudes of combustion engines are small for frequencies above 100 Hz, we run tests with a constant acceleration for all frequencies leading to quadratically decreasing travel amplitudes with increasing frequency. We thereby ensure that deformation amplitudes of rubber parts are small enough to avoid nonlinearities in material behaviour as shown by Payne (1962) and Fletcher and Gent (1954) . 
Parameter variation study
As shown in Figure 1 , the decoupler is located between two grids to allow a volume flow to or from the decoupler in the working chamber or the compensating chamber. For the influence of grid geometry on decoupler characteristics we run parameter variations of different grid thicknesses and patterns. We use two different thicknesses t and vary the number of holes in the grid pattern from 12 to 36 in four steps. An illustration of thickness t and the hole pattern is shown in Figure 4 . Each of the holes of the grid pattern has a diameter of d = 6.5 mm. Table 1 shows the tested versions with the respective number of holes, grid thickness and the calculated summed cross sectional area of all holes. The measured results of dynamic transfer stiffness of versions 1 to 8 is shown in Figures 5 and 6 . The results show that the number of holes has an impact on the frequency position of the complex pole. An increasing number of holes and therefore an increase in the summed cross section of all holes shift the pole to higher frequencies. Comparing the versions with identical number of holes and different grid height, the measurements show that an increasing thickness of the decoupler grid height decreases the frequency of the pole. For low frequencies between 100 and 200 Hz the level of dynamic stiffness decreases over frequency. This behaviour is caused by the excitation with a constant acceleration. As a result of this excitation, the stroke of the test bench decreases over frequency. This leads to higher strokes at low frequencies that are not fully decoupled. This behaviour also causes the stiffness magnitude to decrease with an increasing number of holes in the grid. A higher number of holes causes the maximum decoupled stroke to increase as the hydraulic ratio between the moulded assembly and the decoupler decreases.
Model development
As discussed in Section 4, the frequency of the complex pole depends on the number of holes and the grid height. This leads to the assumption that the fluid mass inside the holes is part of a resonance system. This system is similar to the tuned mass system of the inertia track. The mass of the fluid can be calculated by the volume of the holes and the specific fluid density : Although the fluid mass increases with a higher number of holes, the frequency of the complex pole increases, too. This behaviour lets us deduce, that there is a hydraulic transmission ratio influencing the resonance system. The ratio can be explained by the surface ratio of the moulded assembly and the decoupler grid holes. The calculated hydraulic transmission ratio (ratio of cross sectional areas) Table 2 . The fluid mass in the holes is then oscillating between two springs. One of these is the moulded assembly bulge rate. The other represents the decoupler, moving between the two grids and billowing into these. This billowing also causes a decoupler stiffness that is small compared to the bulge rate. Nevertheless, it has a high impact on the model as the hydraulic ratio causes the stiffness to appear high on the engine side. In order to model friction losses caused by fluid flow through the decoupler grid, an attenuator is connected parallel to the decoupler stiffness. Additionally, the moulded assembly base rate is a parallel force connection in this system. The resulting model describing the resonance system is shown in Figure 7 . The moulded assembly base rate 1 c
We can see from equation 6, that an increasing number of holes and a resulting increasing ration r causes the frequency to rise although the mass is increasing linearly with the number of holes. The force response of the system is the sum of the forces of springs c 1 and c 3 , the attenuator b and a proportionate part of the force caused by the spring c 2 . This part of the force is transmitted through the moulded assembly into the housing of the mount.
Model validation
We parametrise the model deduced in Section 5 with base and bulge rates for the moulded assembly, that are determined in separate tests using a dry part and a part with a closed decoupler grid and inertia track. For the used moulded assembly, the bulge rate is 1,850 N mm -1 and the base rate is 380 N mm -1 . We use the values given in Table 2 for the hydraulic transmission ratio and mass. As it is difficult to calculate the damping factor b caused by fluid friction, the value is determined by fitting the model result curve to the measured results.
Figures 8 and 9 show a comparison of measured data and the simulated data using the provided model for the modifications 2 and 4 according to Table 1 . The value of the attenuator b is identical for both modifications 2 and 4 and is fitted to 6 N sm -1 . The simulated results show good accordance to the measured data in a frequency range up to about 700 Hz. The behaviour of the complex pole and the increase of stiffness magnitude and the peak of the dynamic stiffness phase can be described by the provided model. For higher frequencies, the model calculates higher values for the dynamic transfer stiffness than the measurement. The higher the frequency, the more measurement and simulation are drifting apart. Additionally, phase of the complex dynamic transfer stiffness increases over frequency above 700 Hz in the measured data. We cannot see this behaviour in the model output data.
For modification 2 in Figure 8 we observe, that the stiffness magnitude is decreasing between 100 and 150 Hz. This behaviour is not visible in the simulated data. 
Discussion
The provided model describes the behaviour of the tested modifications in a broad frequency range. This is valid for the values of dynamic stiffness magnitude and phase as well as for the frequency of the complex pole. However, there are some deviations discussed in Section 6. The decreasing dynamic stiffness magnitude in the measurement above 700 Hz cannot be described by the provided model. This behaviour is caused by another complex pole at approximately 1, 000 Hz. It can be seen in Figure 8 that the phase is increasing above 800 Hz. This also indicates that there is another pole causing the stiffness magnitude to decrease before the pole. This behaviour cannot be described by the provided model as it is deduced to represent the complex pole between 300 and 600 Hz. The difference between the simulated and measured stiffness for modification 2 in Figure 8 can be described by nonlinearities in decoupler characteristics. As mentioned in Section 4 this behaviour is caused by the decoupler behaviour and not fully decoupled stroke amplitudes. The provided model is only valid for a constant value of decoupler stiffness. If the partially decoupled stroke amplitude causes a nonlinearity of the decoupler stiffness, the model results will show differences to the measured data. As the decoupled amplitude decreases with a smaller number of grid holes, the effect is stronger for modifications with a smaller number of holes. This is the reason, why we see this behaviour for modification 2 in Figure 8 and not for modification 4 in Figure 9 . Nevertheless, the model describes the dynamic stiffness of hydraulic engine mounts and the complex pole is represented in the model. The parameters in the model correspond directly to physical properties of the engine mounts components. This allows an easy understanding which parameter affects the high frequency behaviour of mount system. The model is valid as long as the frequency of the pole caused by the fluid mass in the grid holes is lower than the frequency of the next pole. For the tested hydraulic mounts these two poles were far enough from each other. It can happen that these poles are very close to each other for other hydraulic mounts. In this case, the validity of the model and its frequency range can be limited. 
Conclusions
It can be concluded, that the provided model describes the dynamic transfer stiffness of hydraulic engine mounts for frequencies up to 600 Hz. The model can be used to either understand the behaviour of existing engine mounts or to predict the noise transfer behaviour of new designs. The existing models describe the behaviour only up to 100 Hz and provide amplitude dependence. Our model increases this frequency range for noise relevant frequencies. As the parameters in the model have a physical meaning, it can be used to tune mounts to a required behaviour. Using the model in this way, a direct design of interior sound can be obtained. Field experts can use our model to design a sporty sound or low noise levels, depending on vehicle segment. In most cases, the isolation properties of mounts need to be increased and therefore dynamic transfer stiffnesses have to decrease. By adjusting the frequency of the described complex pole in the mount to higher frequencies, the dynamic stiffness can be decreased for a broader frequency range.
